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ARTICLEINFO ABSTRACT

Keywords: High level of noise limits the reliability of the lubricated journal bearing. In the current paper, the possibility of
Acoustic bearing design with a heterogeneous rough/smooth surface is explored using the computational fluid dynamics
Caviation

(CFD) approach to improve tribological and acoustic performance. A parametric analysis is conducted to
determine the optimal surface roughness level, the cavitation pressure, and the ratio of length to the diameter of
the journal. The effect of the presence of a roughened pattern on the thermal behavior of the lubricant, friction
force, noise level, and cavitation phenomena was also studied in depth. Thy in finding of the present study is
that when conventional journal bearing fails in generating the load su r concentric conditions, the het-
erogeneous rough/smooth bearing has a beneficial effect by increasing the load-carrying capacity. Furthermore,
the high level of surface roughness can significantly increase the load-carrying capacity while decreasing fric-
tional forces and acoustic power. However, the roughness does not dramatically change the maximum tem-
perature (less than 1%). The numerical results also suggest that the variation in vapor saturation pressure has a
negligible effect on the maximum temperature, friction force, and noise level.

Computational fluid dynamics (CFD)
Surface roughness
Thermohydrodynamic

1. Introduction

In the industrial sector, journal bearings are the most commonly used
types of hydrodynamic bearings due to some advantages such as ease of
installation, minimal maintenance costs, and good damping capability
despite their use under high loads, at high speeds, and with great ac-
curacy and precision [1]. Rapid technical breakthroughs have occurred
over the previous few decades, and the operating conditions of machines
are becoming increasingly stringent, precise, and challenging. As a
result, to achieve these requirements, it becomes critical that bearings be
designed based on more realistic bearing characteristic data. b

For plain journal bearings, the design approach typically begins with
the selection of bearing dimensions such as the journal eter (D),
bearing length (L), and radial clearance (c). Initially, the load-carrying
capacity of a plain bearing is more important to the designer, and this
load-carrying capacity is mostly determined by the basic dimension,
which is the journal diame ). A critical design decision is a length
over diameter ratio (L/D). In comparison to a shorter bearing, a long
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bearing has a higher load capacity.

Many studies have been conducted to better understand the rela-
tionship between bearing dimensions and the performance of hydro-
dynamic journal bearings [2-4]. The most important result gained from
their research was increasing the L/D of journal bearings increases
the tribological performance of journal bearings in terms of
load-carrying capacity by 10-1000% depending on the eccentricity ratio
load-carrying capacity [4].

Numerous authors have expressed interest in a hydrodynamic jour-
nal that addresses cavitation, owing to the certainty connected with
cavitation presence. Lin et al. [5] revealed that saturation pressure is a
critical factor that must be taken into consideration during the numer-
ical study of cavitation phenomena. In addition, it makes it possible for
the hydrodynamic impact to become stronger and the cavitation region
to become smaller, byreasmg the saturation vapor pressure as a
result of the expansion of the high-pressure zone and so weakening the
cavitation zone. When the bearing pressure is high, regardless of how
much the positive pressure can rise, the negative pressure cannot surpass
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aspecific limit. When the absolute value of the negative pressurereaches
a particular value, the lubricating fluid film ruptures, preventing the
pressure in the rupture area from lowering further [6]. In the case of
textured journal bearing, Mao et al. [7] showed that the cavitation
phenomenon may aid in improving the performance of hydrodynamic
lubrication. Research demonstrated that under a parallel surface, the
friction coefficient is at its lowest when the depth ratio is between 0.6
and 0.7, and it is even lower when the width ratio is between 0.7 and
0.8. Experimentally, in hydrodynamically lubricated parallel sliders, it
was also observed that cavitation occurs within the structure, and that
lubricant film thickness correlates strongly with cavitation [8]. Ac-
cording to_Chen et al. [9], from the numerical perspective, the multi-
phase flo del is suitable for simulating cavitation because the
maximum difference between simulation results and experimental data
is less than 6%. Later, Dhande and Pande [1,10] revealed that the dis-
tribution of oil vapor continues to reduce by 40% the magnitude of
pressure buildup in the bearing. Abbas et al. [11] also noted a similar
finding. When bearings are operating at higher speeds, the multiphase
study of bearings wi itation becomes crucial. They reported that
the percentage drop in maximum oil film pressure due to the cavitation
effect is between 30 and 50% depending on the shaft rotational speed. In
addition, numerous studies have demonstrated that the application of
the multiphase model accurately predicts cavitation [12-16]. Ina recent
publication, Chen et al. [16] compared the multiphase model to the
experiment and observed that the difference is less than 6%. Based on
these studies, it is necessary to include cavitation effects with the
multiphase approach when solving the lubrication problem to arrive at a
solution that is acceptable for real-life conditions.

Because of the increased demand for high-speed machinery during
the last few decades, the thermal effect has also taken centerstage in the
field of lubrication theory. It is actually more likely that a high-speed
engine will cause the temperature distribution of the joumnal bearings
to w‘i which is highly impacted by the viscusitmhe lubricating
fluid. In accordance with the findings of Li et al. [17], the viscosity of the
lubricating fluid is greatly impacted by the fluid temperatis®. The vis-
cosity of the lubricating fluid decreases with the increasing temperature
of the lubricating fluid, which affects the performance of the journal
bearing under load. Kyrkou and Nikol ulos [18] conducted a
thermo-hydrodynamic analysis to predict the temperature distribution
of the fluid in the bearing. One of their main findifif§ was that for an
isothermal bearing, the maximum temperature rises when the rotational
speed is held constant and the external load is increased. In recent
literature, Xiang et al. [19] developed a 3D transient thermal model
combined with a profile modification design formula to incorporate the
complicated multifield characteristics.

There is a manufacturing process using grinding in the production of
bearings [20]. Grinding can be considered as an option for producing
bearing components with a combination of low surface roughness, tight
dimensional tolerances, and high lubricant retention capacity [21].
‘Workpieces that require a high level of surface quality and precise shape
and dimensions are finished by grinding. This procedure changes the
roughness of the bearing’s outer and inner surfaces. The surface
roughness has a significant impact on the bearing’s properties. Using
surface roughness to raise the thickness of the lubricating fluid coating
on journal bearings has the potential to improve the lubrication per-
formance of these bearings. It has been demonstrated that the intro-
duction of surface roughness demonstrates the enhanced load-bearing
capacity [22-26]. Bhaskar et al. [22] studied the characteristics of
bearings three various surface roughness orientations. They found
that the load-carrying capacity of a bearing with longitudinal surface
roughness is 52.57% more than that of an ideal smooth bearing with no
surface roughness. Based on the Reynolds model, Kalavathi et al. [23]
observed that the load-bearing capacity improves with surface rough-
ness. Later, according to the experiment results, the surface roughness
with a large negative skewness surface has the lubricating perfor-
mance [24]. Zhu et al. [25] found that when the surface roughness
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height 'u'aases, the load-carrying capacity enhances by 47.38%.
Skaltsas et al. [26] revealed that the maximum pressure and
load-carrying capability of a rough bearing both rise significantly, up to
14% and 10%, respectively. Similarly, Tomar and Sharma [27]
demonstrated that bearing stability is improved by longitudinal surface
roughness patterns.

In addition to the beneficial effect of increased load-carrying ca-
pacity brought about by surface roughness, it was also revealed that
surface roughness can decrease friction parameters [26]. The friction
parameters are reduced by a maximum of 1.2% compared to those of a
smooth bearing. Baineni et al. [28] showed a similar result. Compared to
a smooth surface, a rough surface with an isotropic roughness pattern
produces less friction.

In general, according to a survey of the literature on the effect of
surface roughness, né’ous researchers have only focused on tribo-
logical performance. To the best of our knowledge, there is very little
research on the effect of bearing surface roughness on acoustic perfor-
mance. Due to the potential danger to the environmefiand hearing of
the people posed by journal bearing noise (50-80 dB), it is important to
highlight thnaﬂy work of Othman et al. [29], who experimentally
established that the sound pressure level is related to the surface
roughness of the utilized material. Therefore, studying the effect of
surface roughness on bearing noise becomes necessary and meaningful.

According to the classical lubrication theory, the parallel slider (i.e.
concentric condition) cannot support the load due to the absence of the
converging geometrical wedge to produce desirable hydrodynamic
pressure. It is hypothesized that by selecting a pattern of rough/smooth
zones, enhanced bearing features can be achieved even when the wedge
effect is absent (i.e. zero eccentricity ratio). The pre: tudy examines
the use of engineered surface roughness to enhance the performance of
fluid-film bearings using utilizing the computational fluid dynamics
(CFD) technique. By engineering a heterogeneous bearing surface with
roughness in some areas but not in others, the flow pattern of the liquid
lubricating surface can be adjusted. The concept of heterogeneous
rough/smooth bearing proposed here is inspired by the capability of
heterogeneous slip/no-slip bearing, which can give rise to a consider-
able hydrodynamic pressure [23,30-32] even in concentric conditions.

Generally speaking, evaluating the performance of concentric jour-
nal bearings with a heterogeneous rough /smooth surface under a vari-
ety of operating situations necessitates a mass-conserving approach. The
phase change of the lubricant within the journal, suggesting cavitation,
was not predicted by the single-phase study. Additionally, another
feature that has been frequently overlooked in various research is the so-
called viscosity wedge caused by temperature change, which results in
the variation of lubricant viscosity within the lubricant domain. Thus, to
achieve more realistic findings, the journal bearing with zero eccen-
tricity ratio, which is equivalent to the parallel slider, is of great rele-
vance in this section when the multiphase model is used and the
temperature effect is considered. Here, the influence of the length over
diameter ratio, vapor saturation pressure, and the level of surface
roughness in relation to the tribological and acoustic performance of the
joumal bearing are all important considerations. The performance of
joumal bearings is determined by utilizing the computational fluid dy-
namics (CFD) technique, which entails running a series of simulations to
determine their performance. Furthermore, the nominal operatin:
condition for the shaft rotating speed of the journal bearing ranges fr
1000 to 6500 rpm [33]. Since hydrodynamic lubrication is assumed in
the present study, the rotational speed of the shaft chosen for analysis
must be sufficient to prevent contact between mating surfaces. There-
fore, in this work, the 2000 rpm is used for shaft rotational speed. Using
surface roughness modeling, this work gives a detiled strategy for
achieving the best tribological performance possible for journal bear-
ings, which includes a high load-carrying capacity, low friction force,
low acoustic power level, and good thermal characteristics.
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2. Simulation method
2.1. Geometric model

All computational models in this study are based on the three-
dimensional parametric design of journal-bearing systems. To illus-
trate the significance of the major parameters and the geometry of the
computational domains, Fig. 1 depicts a schematic illustration of the
journal bearing. The cylindrical joumal with radius R; revolves at a
constant rotational speed relative to the bearing ing with radius Rp.
The difference between R; and Ry, is referred to as the radial clearance c.
The eccentricity distance between the bearing’s center (Op) and the
journal's center (0)) is denoted by the symbol e. In practice, eccentricity
exi aresult of the vertically applied load at the joumal’s center (0)).
The eccentricity ratio is defined as the ratio of eccentricity distance e to
radial clearance c. The related simulation model paramet: cluding
the geometric configuration and lubricant characteristics, are listed in
Table 1.

This study introduces the concept of a heterogeneous rough/smooth
bearing, in which the rough condition is applied to some areas while
others remain smooth. The basic geometry of the heterogeneous rough/
smooth used here as shown in Table 1 adopts the slip geometry éle
heterogenous slip/no-slip bearing as presented by Cui et al. [31]. It has
been demonstrated that this geometry increases the load-bearing
capacity.

As discussed by Welshm], a good rule of thumb for designing the
journal bearing is to keep the length over diameter ratio (L/D) between
0.5 and 1.5. A longer bearing, by definitio a greater load-carrying
capacity than a shorter bearing. A longer bearing, on the other hand,
increases the probability of bearing failure due to misalignment errors.
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Table 1
Parameters of the model

Parameters Value Unit
Bearing
Bearing diameter, Dy 50 mm
Bearing length, L, 25, 50,75 mm
Radial clearance, ¢ 0.05 mm
Eccentricity ratia, £ 0 -
Attitude angle, ¢ 0 o
Rotational velocity, n 2000 p
Fluid
0il density, p 850 kg/m?
Oil viscosity, 0.0125 Pas
Oil specific heat capacity G, (40 “C) 1944 J/kgK
0il thermal conductivity 4 (40 "C) 0.12789 W/mK
Vapor density, p, 10.95 kg/m?
Vapor dynamic viscosity, u, 2x10°% Pas
Vapor saturation pressure, Poy 3000; 15,000; 29,185; Pa
30,000; 50,000
Vapor specific heat capacity Cp, 2430 J/kgK
Vapor themal conductivity , 0.0178 W/mK
Roughness Area
Length of roughness area, Ly 78.657 mm
Roughness width, Wy, 20; 40; 60 mm

Additica.l ly, a longer bearing decreases the amount of fluid circulating
inside, resulting in a higher peak temperature inside the lubris
and on the bearing surface [35]. For this reason, in this study, the length
over diameter ratio (L/D) is varied to 0.5, 1, and 1.5 as indicated in
Table 1.

ion film

0.1 Ly

We Roughened zone

Perfectly smooth zone L,

0.5

Fig. 1. ic diagram, (a) h

(b)

rough/smooth journal bearing, (b) heterogeneous rough/smooth pattern.
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2.2. Meshing

To construct the lubricant film, in this ly, hexahedral elements
are used via the ANSYS ICEM-CFD module, ﬁh significantly improves
computation efficiency and precision. To ensure the accuracy of the
results, the sensitivity of grid density to load-carrying capacity is
determined. To ensure satisfactory convergence, the refinement criteria,
which specify the number of fluid layers with linear proportion in the
radial direction, are specified. The radial grid is believed to be the most
critical, as it must be capable of capturing the phenomena occurring
within the film thickness. Each computation is carried out under iden-
tical operating conditions but with a different fluid layer division (and
thus different mesh sizes). Note that for this independent mesh study,
the bearing type chosenis a ional smooth one (without engineered
roughness), while the basic geometry and lubricant properties are as
shown in Table 1, with the eccentricity ratio chosen to be 0.8 instead of
zero. It is understandable because to prevent failure lubrication, the
eccentricity ratio caused by wedge effect must be applied to traditional
smooth bearings. In particular, the L/D ratio employed is 0.5, and the
saturation vapor pressure of oil is 29,185 Pa.

The result of a grid-independent study in terms of maximum hy-
drodynamic pressure under various mesh layers is shown in Fig. 2 for
two rotational speeds, i.e. n = 2000 and 4000 RPM. According to Fig. 2,
the fluid layer division is determined after sensitivity analysis reveals
that several layer division values (4, 5, and 7) change the maximum
hydrodynamic pressure of the bearing by less than 2% in the CFD model
both for the case of n = 2000 and 4000 RPM. To summarize, the 4-layer
fluid domain division is used for all simulations because it combines a
reasonable computational time with a feasible level of independent
meshing. Based on this mesh configuration, a lubricant domain is
generated for all bearings covered here, that is bearings with L/D of 0.5,
1, and 1.5. It means that the bearing length determines the number of
cells along the axial direction. This results in the radial, circumferential,
and axial directions being covered by the corresponding grid distribu-
tion, i.e. 4 x 400 x 40, 4 x 400 x 80, and 4 x 400 x 160, respectively, for
the case of L/D of 0.5, 1 and 1.5 as depicted in Fig. 3.

2.3. Boundary condition

There are a number of boundary conditions provided for the simu-
lation setting. The “pressure inlet” and “pressure outlet” are given in the
computational lubricant domain with gauge pressure set to zero Pascal
both for the inlet area and the outlet area. The stationary surface des-
ignates the housing wall, whereas the rotating shaft with a 2000 RPM
rotational speed defines the journal area. There are no-slip criteria on

the interface surfaces for velocity. For thermo-hydrodynamic
10
—e— n=4000RPM  —e- 5 =2000 RPM
776 7.87 7.93
7 6.49
5.3

Maximum Hydrodynamic Pressure (MPa)

LID=10.5

1 3 5 7
Face Meshing Layer

Fig. 2. Mesh independent study results.
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]

(a)

Fig. 3. Meshing of lubricant fluid domain for different values of L/D: (a) 0.5,
(b) 1, and (¢) 1.5.

conditions, the temperature inlet, as well as the temperature outlet, are
set to 293 K. In detail, Fig. 4 shows the boundary conditions applied to
the journal bearing.

2.4. Solution setup
13
In this simulation, the pressure-based solver and the SIMPlﬂ)ms—
sure-velocity coupling method are used to quickly obtain results. For the
momentum equations, the second-order upwind discretization scheme is
employed, while for the volume fraction, the QUICK discretization
scheme is used. In addition, the first-order upwind scheme is applied to
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Pressure outlet,
Temperature outlet —

Roughness area

Fig. Hdmemlic of lubricant domain with boundary conditions.
41
discretize the turbulent kinetic energy and turbulent dissipation rate. In
the present investigation, the convergence precision for pressure and
energy is 1x10 ° and 1x10 %, respectively.

3. Theory
3.1. Governing equations

The lubricant flow, pressure formation, and heat dissipation in the
flow domain were calculatgélusing a CFD (computational fluid dy-
namics) model in this work. For a coa'luous fluid medium, the lubri-
cant behavior is evaluated using the momentum and continuity
equations from classical fluid mechanics.

The equation for mass conservation is as follows:

d

o Pus) =0 (1)
In this work, the Reynolds-averaged Navier-Stokes (RANS) equations, in
particular, are used to obtain the h; lynamic lubrication pressure in
order to quantify the bearing noise. It should be noted that the Reynolds
decomposition, which includes the breakdown of an instantaneous
quantity into its time-averaged and fluctuating components, is the pri-
mary technique for deriving the RANS eq from thei
Navier-Stokes equations. The formulation for RANS equations reads
[36]:

a 9 [ fou ou a —
) = 5o [“&Ta.ﬂ o () @
Here, p is the density; u;and u; are the average velocity components

for the coordinate X, ¥, and Z; p is the hydrodynamic pressure; x is the
viscosity; u'; ‘E.l’j are the fluctuation velocities; 1, j = 1, 2, 3 (x, y, 2);

and —pu;u; is the Reynolds stress and expressed as:
== du; 2
—pmuxzu(gx"' +m') —3(pk+ u.g)ﬁn (3
i i

where the temporal average of the product of the fluctuating velocities is
represented by the overbar. & is addressed to the Kronecker delta
symbol. If i # j, & = 0. [f not, &; = 1. The symbol g refers to the tur-
bulent viscosity coefficient and is defined as y; = C,‘pkzle,;. Here, Cy is
devoted to the turb t constant and set to 0.09 [36] while k and ¢4,
respectively, refer to the standard turbulent kinetic energy and turbulent
dissipation rate, whose definitions are expressed below:

S8 AT

It should be noted that the values of the parameters k and ¢, indicate
how much fluid turbulence is responsible for the bearing noise. In this
work, a standard k-¢4 model is used to determine the values of k and &g in
accordance with the equation suggested by Launder and Spalding [37]
(given in Egq. (5) below). The Boussinesq hypothesis serves as the
foundation for this model.
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a d L\ ok duy i oy

o= () S e (50 5 |- o
d 2 [T €2
dT.‘P*"“"J’E,( C‘"‘IH(@T, E)}‘C‘Pr

(5b)

Based on reference [32], the empirical values of Cy, Ca, 6y, and o,
are assumed to be 1.44, 1.92, 1.0, and 1.3, ively. After calculating
the hydrodynamic pressure using ), the load-carrying capacity of
the bearing W may be determined from the integration of the hydro-
dynamic pressure acting on the bearing surface. It reads:

W—[[ prdodz (6)
A

where # represents the circumferential angle. The following is an
expression for the frictional force f caused by the viscosity shear force of
the lubricant acting on the shaft:

= —[ rdddz @)

In fact, the viscosity of lubricant fluids is significantly influenced by the
fluid temperature. The higher the fluid temperature, the lower the vis-
cosity value, and this tends to affect the ability of the journal bearing to
withstand loafsl] Thus, heat transfer is considered in this work, and
c ly, an additional for energy conservation is solved.
The temperature through the lubricating film layer is interpreted as
energy rvation. It reads:

PO,V VT V. (AVT) —

: V¥V (8)

where C, denotes the liquid-specific heat capacity, T is the liquid tem-
perature, and A refers to liquid thermal conductivity.

3.2, Viscosity modeling

Due to the sensitivity of temperature, it is critical to address the
viscosity values that fluctuate with rising temperature in various types of
lubricant applications [38,39]. In this work, the Walther viscosity
relation was used to demonstrate the viscosity variation with tempera-

ﬁ [17,38,39].
0 log (v +0.7) = 10.0032 — 39785 log T )

The variation in other characteristics as a function of temperature is
defi; ¥

P = Pisg[l — 0.00063(T —15.6)]
C, = 1,800(1 + 0.002T) (10)
h=0.1312(1 - 6.3 x 107'T) .

31

where v is the kinematic viscosity, Tis the temperature, p is density, Cpis
specific heat, and 1 is the thermal conductivity of the lubricant. For all
following computations, to incorporate the viscosity modeling as a
function of temperature as shown in Eq. (4), the polynomial profile
which is available in ANSYS FLUENT was employed [36].

3.3. Surface roughness modeling

Many roughness parameters are used to characterize surface
roughness. However, the roughness average (Ry) is the most commonly
used parameter [40] and it is defined as follows:

“«-,%Z"- an

=

where y; is the distance from the average height of a profile for
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measurement i, and n denotes the number of measurements. In this
work, the sand-grain model, as illustrated in Fig. 5, is used to charac-
terize the roughness profile of the rough surface of a heterogeneous
rough/smooth bearing. The sand-grain model was demonstrated
experimentally and numerically to accurately model real product
roughness [41]. Furthermore, the sand grain model was appropriate for
Reynolds-Average-Navier-Stokes (RANS) simulation, which is used
here. In this model, a dense monolayer of spheres diameter K; is
used to uniformly cover the surface. The modified law-of-the-wall for
mean velocity is used to represent the surface roughness. This equation
is as follows [26]:

Ut 71m(Ep“ ¥ ) ~aB (12)
Wi K "

where u* = C}/*k'/? and AB = (1 /x)In f,. For sand-grain roughness, AB
is affected by the physical roughness height K;, while the height is
assumed constant per surface [36].

It should be remembered that K, is the corresponding sand grand
roughness height, not the geometric roughness height of the surface. As
a result, a conversion factor is required to convert the geometric
roughness height of the surface to an equivalent sand-grain roughness.
In this work, the R, parameter, as illustrated in Fig. 1(b), is used to
describe the roughness height K, (Fig. 1(a)). R, is the arithmetic mean of
the roughness profile, which is measured by the profilometer.

The R, value will be used as an input for all subsequent computations
to indicate the roughness level of the heterogeneous rough/smooth
bearing. According to the experiment of Adams et al. [40], the corre-
lation between K, and R, can be characterized as follows:

K, =5853R, (13)

As a note, depending on how much grinding was done, the surface
roughness can be classified as precision (R, = 0.1-0.2 um), fine (R, =
0.4-0.8 pm), medium (R, = 1.6-6.3 pm), and rough (R, = 12.5-100 pm)
according to JIS B 0601-2013 [42]. Thus, in this work, to meet the
possible range of surface roughness, four surface roughness classes will
be selected for subsequent calculations, that is, namely R, = 0.2 pm
(precision), 0.8 pm (fine), 3.2 pm (medium), 12.5 um (rough), and 15
pm (rough).

It should be noted that to maintain the bearing in hydrodynamic
lubrication, the roughness height here must not exceed the minimum
film thickness. Here, in our research, the highest roughness height (i.e.
R,) is 15 pm, while the minimum film thickness is 50 pm (Table 1). It
means that the heterogeneous rough/smooth surface is effective when
the surface roughness level R, of the roughened area of bearing is much
lower than the minimum film thickness hy,, as employed in the present
study.

3.4, Cavitation modeling
Cavitation is the process of rupturing a liquid by a reduction in
pressure at a constant temperature [36,43]. In practice, the cavitation
hy a occur in the lubri domain. In the lubrication problem,
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cavitation is the main issue that needs to be properly modeled. For all of
the computations performed in this study, cavitation is modeled using a
“mixture” model provided by the CFD softw: [36]. The pressure
change generates the cavitation results. The re model describes
two-phase vapor-liquid flow by assuming that the liquid phase transi-
tions to the vapor phase when the film pressure low less than the
saturation pressure. To specify the dispersed phases, the mix el
solves the mixture equation and imposes relative velocities. The mixture
model is a reduced version of the full multiphase model with a lower
computational cost [44]. In this way, calculations are made on the
growth of gas bubbles, which frequently accompany the cavitation

phenomenon.

In the cavitation phenomena, the liquid-vapor mass transfer equa-
tion (i.e., evaporation and d ion) can be exp: d as follows
[36,45]:
¥ (wp, V) =R~ R, a4

where g, is the volume fraction of vapor and p, is the density of vapor in
lubricant. During cavitation, R, and R. are responsible for vapor gen-
eration and condensation rate: Rayleigh-Plesset correlation is used
to characterize the dynamics of a single spheric ipor bubble in a
liquid [12,46]. For mixture flow analysis, in this study, the
Zwart-Gerber-Belamri model [45] is used during the computations
because it requires less computational effort than other multiphase
cavil in models [36]. For the Zwart-Gelber-Belamri model, since all
of the bubbles in a system are assumed to be the same size, the cavitation
takes the following final form [36,45]:

if p<Pu R, =F.

St (l—a)p, 2Pu—p
- f ““p 15)

Ry \- 3

3ap, |

F“"”Tﬂ \VJ 3 g

Ifp=P..R. (16)

where Fy, is the evaporation coefficient with a value of 50, Feu is the
condensation coefficient with a value of 0.001, Rp is the bubble radius
with a value of 107% m, and e, is the nucleation site volume fraction
with a value of 5 x 107

3.5. Noise modeling

The bearing noise is of special significance in the acoustic investi-
gation presented here. The turbulence in the lubricant causes noise
during bearing operation. The broadband noise source model is used in
this work to solve the noise level created in the lubricant [36]. In the
acoustic analysis, the acoustic performance of the bearing is represented
by two terms: the acoustic power level and the average acoustic power
level. The acoustic power level per unit volume P, is given here based on
the formula derivation of Lilley [47]. It reads:

Fig. 5. Il

. P
of equivalent gr
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P, ,ﬂlp(ﬁ) u an

1/ 5
where a, is turbulence constant and is set to be 0.1 [36], while uj and 1
are turbulence velocity and length scales, respectively and a, is the
speed of the sound. Furthermore, Eq. (17) can be reduced in terms of k
and ¢4 as follows:

ﬂ)"

Py =a.pey (T
0

(18)

It should be acknowledged that the human hearing threshold, Pis
1072 wW/m® [33,36]. In this way, the bearing noise is associated with
the lowest human threshold in terms of the acoustic power level Py that
exists in the fluid. It reads:

P
P, (dB)=10 mg(P*) (19)
et

Integrating the acoustic power level over the surface area yields the
average acoustic power level. The acoustic power level can be derived
from Equations (18) and (19) using the FLUENT module, while the
average acoustic power level can be obtained by post-processing CFD
results.

4. Results and discussion
4.1. Validation

Validation is a term that refers to the process of determining the
accuracy of a methodology by comparing numerical results to published
experimental /numerical data collected under the same conditions. The
validation was carried out by comparing the present simulations to the
studies of Dhande and Pande [1,10]. Figs. 6 and 7 depict the comparison
between the pressure values generated by these authors [1,10] and the
present investigation. T idated parameter is the maximum pressure
value generated by the journal bearing at an eccentricity ratio of 0.8.
Furth the i p: value obtained in the simulation
mduched by Dhande and Pande [1,10] is 7.764 MPa for the case of the
rotational speed of 4000 rpm and eccentricity ratio of 0.8. Based on
Figs. 6 and 7, it can be revealed that the maximum pressure value ob-
tained from the simulation of the current study is 7.752 MPa, repre-
senting an error of 0.15%. It implies that the method employed here is

10
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11 = 4000 RPM # Experiment by Dhande and Pande (2017)|
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Fig. 6. Comparison of hydrodynamic pressure for journal bearings at & =
between Dhande and Pande [1,10] with the present study. All results are
evaluated at the mid-plane of the bearing (z/L, = 0.5).

Results in Engineering 18 (2023) 101112

imulation by Dhande and Pande (2017))
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>

Dhande and Pande (2017) Present Study

Fig. 7. Comparison of the maximum pressure for journal bearings at ¢ = 0.8
between Dhande and Pande [1,10] with the present simulation.

credible and accurate for the next simulations because it accurately
identifies the hydrodynamic characteristics.

4.2. Effect of length to diameter (L/D) ratio

The efnt of the L/D on the journal bearing with surface roughness
modeling on the ribological performance of the joumnal bearing is ob-
tained by varying the L/D. This section focuses on the bearing charac-
teristics of pressure, wall temperatures, load-carrying capacity, average
acoustic power level, friction force, and cavitation areas. This simulation
was evaluated at zero eccentricity ratio, saturation pressure (Pgy) of
29,185 Pa, surface roughness of 12.5 pm, and a shaft rotational
speed (n) of 2000 rpm.

Fig. 8 shows the histogram of the maximum pressure of the journal
bearing with a heterogeneous rough /smooth pattern. It can be observed
that an increase in the L/D increases the maximum pressure Ppyy. For the
L/D considered here, the enhancement of the maximum pressure is
significant. For example, the increase in P, may be 12.59% if the L/D
is tripled from 0.5 to 1.55 is expected because a greater L/D will
increase the contact area. The findings of this study are consistent with

300

R, =125um
Py, =29,185Pa

Maximum Hydrodynamic Pressure, P, [kPa]

LDos LD1
Bearing Geometry

LD 1.5

Fig. 8. Maximum pressure for several length-over-diameter ratios (L/D).
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those obtained by Zhang et al. [2].

Fig. 9 depicts the results of the i lubricant p e for
various values of the L/D evaluated for both the moving and stationary
walls. The simulation results show that the maximum lubricant tem-
perature of the roughened journal increases as the L/D increases.
However, unlike the maximum pressure trend, an increase in maximum
temperature is not as significant, being less than 3%. The most likely
explanation for why the L/D does not have a significant effect on the
temperature rise is that the enlarged roughness area caused by an
increased L/D causes a significant increase in leak flow, which prevents
the temperature of the film from increasing. This is understandable
because the longer the bearing, the more difficult it is to get adequate oil
flow through the passage between the jounal and the bearing. From
Fig. 9, it is worth also noting that the values of the maximum temper-
ature evaluated for moving and stationary walls have nearly identical
values.

Fig. 10 shows the load-carrying capacity, friction force, and average
acoustic power level at different L/D values. It can be revealed from
Fig. 10(a) that the increase in L/D leads to a rise in the load-carrying
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Fig. 9. Comparison of the maximum temperature varying length over diameter
ratio (L/D) evaluated at (a) the moving wall, and (b) the stationary wall.
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Fig. 10. Comparison of bearing performance with variation in length over
diameter ratio (L/D) in terms of (a) load-carrying capacity, (b) friction force,
and (c) average acoustic power level.
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capacity. These results are consistent with the work carried out by Zhang
etal. [Z and Maharshi et al. [4]. Another effect of increasing the L/D
is the in&d friction force, as depicted in Fig. 10(b). Concerning the
acoustic performance of journal bearing with heterogeneous rough /-
smooth bearing, the average acoustic power level is presented in Fig. 10
(c) for several values of L/D. An interesting result is found in Fig. 10 (c),
that is, a decrease in the average acoustic power level by increasing the
L/D is highlighted.

To investigate how large the area of the vapor phase formed in the
bearing is, it is necessary to introduce the cavitation area. In this work,
the percentage of cavitation area is calculated by dividing the area
where the vapor phase forms by the area where the lubricant is still in its
initial phase (i.e. liquid). Fig. 11 depicts the percentage of cavitation
area of the roughened joumal bearing. As expected that the cavitation
area increases with increasing the L/D. 12

To explain in detail why the length over diameter ratio (L/D) has a
significant effect on altering the journal bearing behavior, the contours
of the pressure are presented for several values of L/D in Fig. 12, As
reflected in Fig. 12, the pressure distribution pattern in the axial direc-
tion is similar for all values of L/D. Tt makes sense because, according to
the principle of momentum conservation, the lubricant tends to create
more momentum in the direction of the shaft's rotation. For this reasial,
increasing the length of the bearing does not significantly change the
pressure characteristics in the axial direction. It can be observed that the
maximum pressure at each variation occurs at the same circumferential
angle, which is 180°. What distinguishes between variations is that in
the circumferential direction, the low-pressure area increases with the
increasing L/D.

Figs. 13 and 14 show the contours of the volume fraction ofr
evaluated either in the stationary or moving walls. For two walls, it can
be seen that as the L/D increases, the cavitation area gets larger. It in-
dicates that the vapor phase becomes larger when the L/D is increased.

Fig. 15 shows the pressure distribution and the vel; fractions of
vapor varyingthe length over diameter ratio. The results are evaluated at
the mid-plane of the bearing(z/Ly = 0.5). By observing the pressure
distribution, it is revealed that the maximumpressure at each variation
occurs around the circumferential angle @ of 180°, which is thelocation
of the edge between the roughened area and the smooth area. It is also
foundthat the minimum pressure area increases with increasing the L/D.
The circumfer; gle ranges from 0° to 78° for the case of L/D = 0.5,
0° to 125° for the case of L/D = 1),and 0° to 137° for the case of L/D =
1.5. As a note, due to the multiphase cavitationmodel employed here,

T
R, =125pum

a

Py, =29,185Pa

Cavitation Area [%]

T
LD LD 1.5

Bearing Geometry

Fig. 11. Cavitation area as a function of length over diameter ratio (L/D).
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the minimum pressure achieves saturation pressure, which is29,185 Pa.
When the pressure drop reaches a value below its saturated vapor
pressure,the phenomenon of cavitation occurs. As a result, at a
circumferential angle of 0° in eachvariation, a rupture occurs, and the
fluid transitions from li§&lid to vapor. Reformationoccurs at circumfer-
ential angles of 78° (for L/D = 0.5), 126° (for L/D = 1), and 138° (for L/
D =1.5), where the fluid changes from vapor to liquid. Based on Fig. 15
(a), it can alsobe highlighted that increasing the L/D leads to arise in the
pressure peak. This result issimilar to the work of Zhang et al. [2].
Fig. 15(a) also shows that for the case of L/D =1.5, the pressure profile,
particularly in the divergent area, appears to be larger than for L/D = 1.
This feature results in a greater load-carrying capacity for L/D = 1.5 than
for L/D = 1, as depicted in Fig. 10 above, although both have the same
peak pressure,

Concerning the cavitation phenomena, Fig. 15 (b) and 15 (c) reveal
that thevolume fraction of vapor reaches the peak in the circumferential
angle range of 0°-10°. However, in the circumferential angle ranges of
0°-80° (for L/D = 0.5), 0°-128° (for L/D= 1), and 0°-140° (for L/D =
1.5), there_is a difference in the volume fraction of vaporbetween both
walls due e presence of surface roughness on the stationary wall.
Thisresult is consistent with the findings of Meng et al. [48], who found
that the presence oftexture or roughness leads to the shrinking of the
cavitation area in the journal bearhg.Furﬂ'lernae, Fig. 15 (b) and 15 ()
show that at circumferential angles of 80° (for L/D = 0.5), 128° (for L/D
= 1), and 140° (for L/D = 1.5), the length of the area wherecavitation
occurs increases with increasing L/D. This is caused by variations in the
L/D, as shown in Figs. 13 and 14,

Fig. 16 illustrates the lubricant temperature distribution as assessed
on the stationary and moving walls with varying L/D. It can be seen that
the temperature peaks at the same circumferential angle range, i.e. # of
0°-10° for both walls. The numerical results also indicate that increasing
the L/D will increase the temperature profile both for the stationary and
moving walls. However, for higher L/D, that is, in the case of L/D = 1
and 1.5, such an increase is not so significant. In addition, in particular
in the case of the stationary wall, when the temperature reaches its peak,
the (partial) surface roughness boundary conditions at an angle of
0°-180° in the stationary wall of the journal bearing produce a trend
difference with the moving wall.

Fig. 17 (a), 17 (b), and 17 (c) show the acoustical indicators of the
journal bearing in terms of the acoustic power level, turbulent eddy
dissipation, and turbulent kinetic energy, respectively varying the L/D.
All indicators are evaluated at the midplane (z/L = 0.5). Based on
Fig. 17, it can be observed that due to the presence of surface roughness
boundary conditions, there is a very small noise value between 27.5 and
37.5dB in the circumferential angle range # of 0° to 180° forall values of
L/D. This phenomenon is explained by analyzing the turbulent velocity
of lubricant. It seems that when the specific zone of the surface has a
high level of surface roughness, turbulence is less likely to occur. It is
more clear when @Enoise parameters are explored as depicted in
Fig. 17 (b) and (c). This result is in good agreement with the finding of
Meng et al. [33,48], which stated that the presence of texture or
roughness reduces the value of turbulent kinetic energy and eddy
dissipation produced by journal bearing. Furthermore, for all L/D, the
values of turbulent eddy dissipation and turbulent kinetic energy are
higher in the smooth area of the bearing than in the rough area. From
Fig. 17, it can also be revealed that increasing the L/D reduces the
acoustic indices. This result also explains why, as shown in Fig. 10(b)
above, the average acoustic power level rises as the L/D value increases.

It should be mentioned that rather than focusing on the axial direc-
tion, the current study is more interested in exploring the bearing per-
formance indicators in the circumferential direction. This is because,
according to the direction of shaft rotation, the maximum gradient of
pressure, temperature, and acoustic occur in the circumferential direc-
tion. However, to provide a comprehensive guideline for the designof a
roughened bearing, it will be necessary to investigate the bearing per-
formance indices in the axial direction in future research.
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4.3. Effect of saturation pressure
2

If the local hydrodynamic pressure drop causes the fluid pressure to
fall below the saturation vapor pressure, the lubricant will begin to
rupture. This occurrence is kno: vitation. In this section, the ef-
fect of saturation pressure on the performance of journal bearing with
heterogeneous rough /smooth pattern is studied. The saturation pressure
is varied for all subsequent simulations by 3 kPa, 15 kPa, 30 kPa, and 50
kPa. It is noted that from reference, for example in Ref. [49], the satu-
ration pressure for oil has an average value of 2.34 kPa. For this reason,
the saturation pressure for simulation begins at 3 kPa, and is then
magnified by several factors up to 50 kPa. According to our hypotheses,
the effect of the saturation pressure can be seen in more detail by
increasing the interval of the var inthe saturation pressure, as Lin
etal. [5] observed. Fig. 18 shows the effect of the saturation pressure on
the maximum pressure. It can be observed that as the saturation pressure
value increases in the joi aring, it leads to a decrease in the hy-
drodynamic pressure. This is in line with the findings of Lin et al. [5],
who found that the hydrodynamic pressure generated by journal bear-
ings decreases as the saturation pressure value increases.

Fig. 19 shows the effect of saturation pressure on the predicted
maximum temperature. The numerical results indicate that the resulting
temperature decreases with increasing saturation pressure. The most
likely explanation for this phenomenon is that multiphase cavitation
flow was integrated with vapor cavitation in the preses dy. When the
saturation pressure is decreased, vaporization (i.e., the formation of
bubbles in the lubricant) becomes more pronounced, resulting in an
increase in oil film temperature. This decrease, however, is not signifi-
cant even when the saturation pressure is increased by a factor of 15. It
can be seen from Fig. 19, that the decrease in maximum temperature is
smaller than 3%. This holds true regardless of whether the lubricant
temperature is calculated on the moving or stationary wall. It indicates
that the_cavitation phenomenon does not correspond well with the
lubric: perature from a physical standpoint. This is expected
because cavitation is the process of rupturing a liquid by a reduction in
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Fig. 12. Contour of pressure distribution in the case of (a) L/D = 0.5, (b) L/D = 1, and (c) L/D = 1.5,

pressure at a constant temperature [43].

To explore the effect of saturation pressure on the bearing perfor-
mances, Fig. 20 shows the I arrying capacity, friction force, and
average acoustic power level. It can be seen that the load-carrying ca-
pacity generated by the journal bearing increases along with a rise in
saturation pressure. Moreover, friction as well as the average acoustic
power g8l exhibits an identical trend. The increase in saturation
pressure has a positive effect in increasing the load-carrying capacity up
to 40%. In reality, this means that the selection of lubricants for bearing
joumnals that have high saturation pressure is quite crucial to main-
taining load-bearing performance. Although it is not very significant
(less than 5%), Fig. 20 also shows that an increase in saturation pressure
can cause an increase in frictional force. An increase in average power
level, which results in increased noise level, is another unfavorable
consequence of rising saturation pressure. However, this rise in noise
levels is only a 3% increase. According to these findings, saturation
pressure appears to have a significant impact on load-carrying capacity.

Fig. 21 depicts the evaluated cavitation area on the moving and
stationary walls. According to Fig. 21, the cavitation area increases as
the saturation pressure increases. The increase in saturation pressure
caused the cavitation area of the moving and stationary walls to increase
by 73.04 and 75.52%, respectively. Although the percentage increase in
the cavitation area on the moving wall is less than that of the stationary
wall, the cavitation area on the moving wall is greater. Since the sta-
tionary wall area is subject to the boundary conditions of surface
roughness, it influences the cavitation phenomenon.

Fig. 22 depicts the hydrodynamic pressure distribution and the vol-
ume fraction of the vapor evaluated on the statio d moving walls.
It can be seen that regardless of the Py, value of the lubricant, the
maximum pressure always occurs at the boundary side of the rough to
smooth transition zone, that is, at # = 180°. Additionally, as the satu-
ration pressure rises, the zone of the minimum pressure increases as
well. From the physical point of view, a lubricant rupture takes place in
this region, causing the fluid to transition from liquid to vapor.
Furthermore, based on Fig. 22 (a), it can be revealed that with an
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Fig. 13. Contour of volume fraction of vapor in the case of (a) L/D = 0.5, (b) L/D = 1, and (¢) L/D = 1.5. All results are evaluated on the stationary wall.

increase in the journal bearing’s samlalimresure value, the hydro-
dynamic pressure value decreases. This is consistent with the study
conducted by Lin et al. [5]. Fig. 22 (b) and 22 (c) show that the volume
fraction of vapor between stationary and moving walls reaches a
maximum in the 0°-10° circumferential angle range. It is worth noting
that the volume fraction of vapor differs slightly between moving and
stationary walls. This is due to surface roughness in the stationary wall
of the journal bearing at an angle of 0°~180°. As a result, the cavitation
zone is smaller at the stationary wall than at the moving surface.
Furthermore, based on Fig. 22 (b) and 22 (c), the results show that as the
saturation pressure decreases, the area of cavitation decreases, indi-
cating that some areas are not filled with lubricant. As a result, bubbles
form in the lubricating fluid, lowering hydrodynamic pressure and
influencing noise, friction, and load-bearing performance.

Fig. 23 shows the distribution of lubricant temperature varying
saturation pressure Py evaluated at (a) the moving wall, and (b) the
stationary wall. Based on Fig. 23, it can be observed that the larger the
saturation pressure Py, the smaller the temperature distribution is. This
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revails in both stationary and moving walls. For each P, condition, the
rature distribution in the convergent zone where a rough surface
is applied to the journal bearing is greater than the temperature in the
diverging region.
Fig. 24 (a), 24 (b), and 24 (c) reflect the profile of acoustic indices (i.
e. acoustic power level, turbulent eddy dissipation, and turbulent kinetic
energy) of the journal bearing with heterogeneous rough/smooth
pattern with roughness level Ry 0f 12.5 pm. As can be seen, the acoustic
power level decreases as saturation pressure decreases. As previously
stated, this occurs due to a decrease in cavitation area with decreasing
saturation pressure. Because of the presence of bubbles in the liquid,
some areas are not filled with lubricant when cavitation occurs. Such a
location may generate noise. Fig. 24 (b) and 24 (¢) show the distribution
of turbulent dissipation rate and turbulent kinetic energy. According to
Fig. 24, as the saturation pressure ratio rises, both turbulent dissipation
and turbulent kinetic energy increase. The most plausible reason is that
the turbulent flow increases as the saturation pressure rises. The results
of simulation results reveal that the distributions of turbulent dissipation
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Fig 14. Contour of volume fraction of vapor in the case of (a) L/D = 0.5, (b) L/D = 1, and (¢) L/D = 1.5. All results are evaluated on the stationary wall

rate at the middle-cross section of the bearing expand synchronously
along with the turl it kinetic energy profiles for all saturation pres-
sure studied here. Based on Fig. 24, it can be high ed that at a
bearing angle of about 180°, the maximum values of turbulent kinetic
energy and turbulent dissipation rate occur, which is similar to the
profile of the acoustic power level shown in Fig. 24 (a). The local
pressure drops dramatically and the velocity fluctuation rises as the
lubricant passes the boundary marking the change from a rough to a
smooth condition and is drawn into a diverging geometry between the
surfaces. This could be the cause of the abrupt rise in turbulent kinetic
energy or turbulent dissipation rate seen in Fig. 24 (b) and (c).

4.4. Effect of surface roughness level
pal

In this section, the effect of surface roughness level on tribological,

thermal and acoustic perfformance of journal bearing is of particular
interest. The simulation results are conducted at the operational con-
dition with length to diameter ratio (L/D) of 1, saturation pressure (Psq)
of 30,000 Pa, and shaft rotational speed of 2000 rpm.

Fig. 25 shows the maximum pressure value generated by the het-
erogeneous rough/smooth journal bearing for several surface roughness
levels R,. Based on Fig. 25, it can be observed that the greater the
roughness level Ry, the larger the maximum pressure Ppgy. The largest
percentage increase in Ppgyx occurs when the rough surface shifts from
the “precision” (i.e. Ry = 0.2 um in this case) to “fine" level (i.e. Ry = 0.8
pm). This percentage decreases as the roughened surface shifts from
“medium” (i.e. Ry = 3.2 pm) to “rough” level (i.e. Ry = 12.5 pm). The
highlight of the simulation results here is that the use of an engineered
rough surface to create a heterogenous rough/smooth pattern for jour-
nal bearing has a positive effect in increasing the maximum pressure




M. Tawvigirrahman et al

0.25

12.5 um
020 ||P, =29,185Pa P~

0.15 b

0.10

0.05

lynamie Pressure, P [MPa|

Hydrod;

0 30 60 90 120 150 180 210 240 270 300 330 360
Circumferential Angle, 8[°]

(a)

e
=
3

o
W
g

e
@
8

i S

o

N

]
=

e o
S
a 8

Volume Fraction of Vapor, ¢, [-]
e
3

o
=
&
k]
-

0.00

0 30 60 90 120 150 180 210 240 270 300 330 360

Circumferential Angle, 81°]

®)

0.385 >

L

128° 140°
L

/

Volume Fraction of Vapor, ¢, [-|

I/
%
0 30 60 80 120 150 180 210 240 270 300 330 360

Cireumferential Angle, 8[°]

(c)
Fig. 15. Characteristics of (a) hydrodynamic pressure, (b) volume fraction of
vapor luated on the stationary wall, and (c) volume fraction of vapor
evaluat@dlon the moving wall varying the length over diameter ratio (L/D). All
results are evaluated at the mid-plane of the bearing (z/Ly = 0.5).

Results in Engineering 18 (2023) 101112

RS ASASREARRSRSAS ol
NNy, !
344 ‘ |+ Lp=15 |
¥ 342 g
~ ot eyt i
5 340+ . A
E bt
£ 338 E
5
£ R, =125
2 336 A §
Py, =29,185Pa
334
332

T T T T T T T T T T T
0 30 60 90 120 150 180 210 240 270 300 330 360

Circumferential Angle, 8]°]

(@)
R, =125um L/D=0.5
+ LD=1
Py, =29,185Pa il
M 342 \
' " T >
£ 30 -]
| S A =
g A
S 338
=
£
3 338
334
332

0 30 B0 90 120 150 180 210 240 270 300 330 360

Circumferential Angle, 8]°]

(b)
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even when the concentric journal bearing is unable to generate pressure.

Concerning the effect of surface roughness level on the maximum
temperature, Fig. 26 demonstrates that when the surfaceroughness level
increases, the maximum temperature increases. It can be noted that the
“rough” level (in this case Ry = 15 pum) of the surface gives the highest
value of the maximum temperature. If compared to the “precision” level,
it has increased by up to 9.81%. However, unlike the f increasing
the maximum pressure, it is easy to see from Fig. 26 that the surface
roughness has a relatively small influence on the film temperature. The
main reason is that while increasing roughness raises pressure, it also
creates a considerable increase in leak flow, which prevents the film
te) ture from rising.

To explore the effect of surface roughness level on tribological and
acoustic performance, Iig. 27 shows the simulation results of load-
carrying capacity, friction force, and average acoustic power level. In
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general, Fig. 27 (a) demonstrates that the g‘l{arrying capacity of
joumnal bearings increases with increasing surface roughness levels. This
result is consistent with the findings of previously published research
[22- 26,504 indicating that surface roughness increases load-carrying
capacity. It can also be seen based on Fig. 27 (a) that when the sur-
face roughness level is designed as “rough”, the load-carrying capacity
has a positive value which means that the roughness with higher R, is
able to compensate for the magnitude of the external force. If the surface
is roughened with the level of “precision” to “medium”, the generated
load-carrying capacity cannot compensate for the loading. This explains
why the load-carrying capacity has a negative value. From the physical
point of view, it indicates that the lubrication fails in the case of het-
erogeneous rough/smooth journal bearing with R, = 0.2, 0.8, and 3.2
pm. In addition, Fig. 27 (b) and 27 (c) demonstrate that an increase in
surface roughness level has the additional positive effects of reduced
friction force and noise. For the case of heterogeneous rough/smooth
with “rough” level, even with the concentric condition, the reductionin
friction force and the noise level are calculated to be maximal. In
conclusion, the roughness level of “rough”, that is, R, = 12.5 pm is
suitable to construct the heterogeneous rough/smooth journal bearing
with high performance. This result is in line with the work of Ding etal.
[51] who experimentally showed that using a micro-dimple on a surface
can result in less friction compared to a smooth surface. Note that a
micro-dimple is analogous to a large level of surface roughness as dis-
cussed here.

To investigate why, at zero eccentricity ratio, hydrodynamic action
still occurs in terms of load support, it is necessary to comprehend the
primary contributor to hydrodynamic pressure. In accordance with the
classical theory of lubrication, the parallel slider cannot support the load
due to the lack of a converging geometrical wedge to generate desirable
hydrodynamic pressure. By constructing a heterogeneous bearing sur-
face with roughness in some areas but not others, the flow pattern of the
liquid lubricating surface can be modified. As a side note, the concept of
heterogeneous rough/smooth bearing is analogous to the concept of
heterogeneous slip/no-slip bearing, which, according to published
works [23,30-32], can give rise to significant hydrodynamic pressure
even under concentric conditions. The introduction of the roughness
region can be vie s a zone containing small geometrical local de-
fects. These defects at the leading edge of the contact initiate the buildup
of hydrodynamic pressure more quickly. In addition, it is demonstrated
that roughness with a higher R, appears to be able to generate a greater
gradient pressure than roughness with a lower R, (i.e. smoother sur-
face). This roughness acts as a reservoir for lubricant, which can be
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Fig. 19. Maximum lubricant temperature T, as a function of the saturation
pressure Py, evaluated at (a) moving wall, (b) stationary wall.

advantageous for the lift-up. Henry et al. [52], who analyzed the
behavior of polished and rough pad surfaces of two parallel surface
thrust bearings, conducted an experiment that is consistent with the
results presented here. In addition, the enhancement can be accom-
plished by employ high texture density for partially textured de-
signs, as was done in this study.

To determine the effect of the surface roughness level R, on the
cavitation phenomenon, the “cavitation area” indicator is presented in
Fig. 2 is cavitation area is evaluated for both moving and stationary
walls.Mcan be seen in Fig. 28 that the cavitation area is formed only
when the surface roughness of the journal bearing is at the medium (R,
= 3.2 pm) and rough (R, = 12.5 pmand 15 pm) levels. When the surface
roughness level is at the “precision” and “fine” level, the simulation
results show that the cavitation area is zero. This is understandable
because cavitation is not formed when pm is considered small enough to
form a lubrication mechanism. It can be said that when R, = 0.2 pm and
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Fig. 20. Comparison of bearing performance with variation in vapor saturation
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Fig. 21. Comparison of the cavitation area under varying saturation pressure
which is evaluated on (a) the moving wall, and (b) the stationary wall.

0.8 pm, the lubrication has failed. Fig. 28 also reveals that the greater the
level of surface ess, the larger the possibility of cavitation.

Fig. 29 shows the distribution of hydrodynamic pressure and the
volume fraction of vapor v g the surface roughness level R,. Based
on Fig. 29 (a), by analyzing the pressure distribution, it can be revealed
that the maximum pressure at each surface roughness level variation
occurs around 180°. Two specific features can be drawn from
Fig. 29. Firstly, the larger the surface roughness level Ry, the longer the
area of the lowest pressure. For example, the low-pressure area gener-
ated occurs in the circumferential angle ranges of 0°~102° (for R, = 3.2
pm), 0°-126° (for Ry = 12.5 pm), and 0°-127° (for R, — [Em). For
cavitation to occur, these pressure drops must reach a value equal to the
saturated vapor pressure. The distribution of the fraction volume of the
vapor corresponding to the pressure profile is shown in Fig. 29 (b) and
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Fig. 23. Distribution of lubricant temperature varying saturation pressure
evaluated at (a) the moving wall, and (b) the stationary wall. All results are
evaluated at the mid-plane of the bearing (z/L, = 0.5).

(c). It was observed that the reformation of liquid takes place at the same
location where pressure begins to rise from low pressure. Secondly, the
pressure peak will increase as the surface roughn| vel increases. This
result is in line with the result shown in Fig. 25. It can be also seen that
for the surface roughness level R, of 0.2 ym and 0.8 pm, there is no
cavitation phenomenon. As discussed earlier, the lubrication fails. The
surface roughness with a lower level is not able to generate the lubri-
cation mechanism.

Fig. 30 shows the distribution of lubricant temperature varying
surface roughness level R, evaluated at (a) the moving wall, and (b) the
stationary wall. Based on Fig. 20, it can be revealed that the temperature
distribution becomes more pronounced as the surface roughness level
increases. However, as stated in the previous discussion, for R, = 02, 0.8,
and 3.2 pm, joumal bearing failure in lubrication is a result of
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insufficient load-carrying capacity. The wedge effect, which is the
dominant factor in generating pressure, is lost in this case because the
eccentricity ratio ¢ is zero (concentric journal bearing). As a result, the
lubricant temperature distribution is much lower in the low R, case than
when the surface condition is rough (i.e. R, = 12 pm). It is intriguing to
note that the temperature value calculated at the stationary and moving
wall areas peaks at the same circumferential angle range (ie. & =
0°-10°). When the lubricant temperature at the stationary wall reaches
its peak, however, the trend diverges in accordance with the trend of the
temperature at the moving wall. This is because of the (partial) surface
Tou! boundary conditions at 0°~180° in the stationary wall region
of the journal bearing.

In order to thoroughly analyze the properties of the jcu.u.l bearing,
in addition to the tribological performance stated before, the effect of
the surface roughness level on the related acoustic indices must be
investigated. Fig. 31 show the distribution of acoustic indices in terms of
(a) acoustic power level, (b) turbulent eddy dissipation, and
lent kinetic energy varying the surface roughness level R,. Based on
Fig. 31 (a), it can be seen that the distribution of acoustic power level
decreases as the surface roughness level increases. At the same level of
surface roughness, which in this case is rough, the acoustic power dis-
tribution is also at the same level. The simulation test results reveal that
the distribution of turbulent dissipation rate at the middle cross-section
of the bearing expands synchronously with turbulent kinetic energy
profiles for all surface roughness levels investigated in this study. Pre-
sent numerical studies indicate that the profiles of acoustical indices in
the divergent region of roughened journal bearings are significantly
higher than those in the convergent region. This is understandable
because the employment of a roughened surface with a lower R, causes
the surface acoustic power level to fluctuate more dramatically than one
with a higher R,.

u-

5. Conclusions

Through computational ﬂuiynamics (CFD) procedures, the paper
presented a detailed study of the acoustic, thermal, and tribological
performance indices of heterogeneous rough /smooth joumnal bearings in
concentric conditions. To capture the phenomenon more accurately, a
thermo-hydrodynamic analysis with multiphase change boundary con-
dition was used. In this study, the effects of length-to-diameter (L/D)
ratio, vapor saturation pressure (P,,;), and surface roughness level (R,)
on bearing performance indicators were examined.
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5

1. The length-over-diameter ratio (L/D) has a significant effect on the

tribological, thermal, and acoustic perfoénce of the journal
bearings. By increasing the L/D, the peak hydrodynamic pressure
and consequently the load-carrying capacity can be increased. In
addition, increasing the L/D can slightly increase the maximum
lubricant temperature, while decreasing the acoustic power level
slightly and significantly increasing the friction force.
The surface roughness level of the heterogeneous rough/smooth
pattern should be constructed as a “rough” surface with R, greater
than 12.5 pm for maximum bearing performance. Such a roughened
surface generates a high load-carrying capacity, enabling the lubri-
cating performance to be effective even under intense conditions.
For a hydrodynamic heterogeneous rough/smooth journal bearing
with a high level of surface roughness, the study confirmed that the
variation of vapor saturation pressure does not change very much the
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maximum temperature (<3%), the friction force (<5%) and the
noise level (<3%). Furthermore, it was found that the load-carrying
capacity increases with the saturation pressure.
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Nomenclature
c Radial clearance, mm
Cp Specific heat capacity, J/kg-K
D; Journal diameter, mm
Bearing diameter, mm
& Friction force, N
k Turbulent kinetic energy, mz/s2
K RoughrfEPheight, mm
L Length of the bearing, mm
L, Circumferential length of the bearing, mm
Ly Length of roughness area, mm
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n Rotational speed, rpm

Op Bearing center, mm

0; Journal center, mm

P Hydrodynamic pressure, Pa

Py Average acoustic power level, dB

Poyr 0il vapor saturation pressure, Pa

Ry Roughness average, pm

Ry Bearing radius, mm

Ry ble radius, mm

Rg Re Mass transfer rate between the liquid and vapor phases in

cavitation

R; Journal radius, mm

T Temperature, K

Wr Roughness width, mm

w Load-carrying capacity, N

&g Turbulent dissipation rate, mm?/s*

£ Eccentricity ratio

F conductivity, W/m-K

o 0il viscosity, Pa. §

iy &Ivapm viscosity, Pa. §

v lematic viscosity, m?/s

3 0il liquid density, kg/m®

Py 0il vapor density, kg/m*

P Attitude angle (%)

[ Circumferential angle (°)
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